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Abstract—A two-dimensional two-phase non-equilibrium model is presented to predict the void fraction
distribution, flow and temperature fields for turbulent subcooled flow boiling at elevated pressures in
heated vertical ducts (pipes and channels). The model is based on the conservation of mass, momentum,
and energy equations for each of the two phases. Appropriate wall and interfacial conditions are formulated
to close the problem. The non-equilibrium temperature and velocity distributions of the two phases and
void fraction profiles show considerable variation along the radial and axial directions for the subcooled
flow boiling cases considered. The effects of inlet subcooling, exit pressure and wall heat flux on the flow
boiling behavior were predicted. The predicted radially averaged void fractions are compared with the
experimental results available in the literature. The radial temperature distributions and void fraction
profiles are also compared with available experimental measurements.

1. INTRODUCTION

THE PREDICTION of the void fractions in subcooled
boiling flow in vertical pipes and channels has been the
subject of numerous studies. In the slightly subcooled
region, attempts were made to analytically predict the
point of departure of the vapor bubbles or net vapor
generation [1-4]. Levy [1] employed a criterion for
bubble detachment based on the force balance on a
bubble. Saha and Zuber [3] were able to predict the
net vapor generation based on the experimental boil-
ing data. In the highly subcooled region, empirical
relations and heat balance in the fluid were employed
to predict the void fractions [5-7]. The empirical
relations are based on the wall superheating, pressure,
and heat flux [7].

Results of most of these methods are in good agree-
ment with the experimental data on the radially aver-
aged void fractions for the parameter ranges in which
these studies are based. The above models, however,
do not provide any information on the distribution of
the void fraction, velocity and non-equilibrium tem-
peratures of the two phases along the transverse direc-
tion. It was observed in the past studies with heated
vertical pipes or channels that appreciable subcooling
existed in the liquid core downstream from the point
of vapor generation; and vapor phase was mostly
found adjacent to the heated wall. Both from visual
observations and measurements, it is also confirmed
that a non-uniform temperature field exists across the
diameter of the pipe or the width of the channel (8,

9]. Larsen and Tong [10]} employed the ‘bubble layer’
method to predict the void fraction and temperature
distribution in a heated pipe. However, only the radi-
ally averaged void fractions along the axial direction
were reported. The application of detailed two-fluid
models to the solution of subcooled boiling problems
has just began. Recently, Kurul and Podowski [11]
employed a two-fluid model to predict the void frac-
tion distribution in subcooled flow boiling. The energy
equation for the liquid phase was only considered.
A new correlation for the coolant enthalpy at void
detachment point in developing flows was proposed,
and various effects of unsteady flow and heat transfer
conditions on void distribution in a channel were
investigated.

In this paper, following Kurul and Podowski [11],
numerical results are presented for the turbulent
water-steam non-equilibrium flow in a vertical pipe
and a rectangular channel. The liquid phase and the
vapor phase characteristics due to subcooled boiling
are predicted by solving the modeled two-dimensional
governing equations using a finite difference scheme.
Interfacial relations including the mass, momentum
and heat transfer used to couple the liquid and vapor
phases are considered. In the present model the liquid
phase turbulence is characterized via a k—& model
where the governing equations for £ and £ were solved
simultaneously with the other transport variables con-
sidered in the problem. The two-phase effects on the
turbulence characteristics can be realized in the above
method. Kurul and Podowski [11] characterized the
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NOMENCLATURE
A area per unit volume 14 velocity vector
Apow flow area v radial velocity component
C,  drag coefficient w axial velocity component.
d bubble diameter
F.,, interfacial force per unit volume Greek symbols
F interfacial force per unit area r momentum exchange coefficient, v,+v,
f friction factor r, energy exchange coefficient,
g acceleration due to gravity v,/Pr;+v,/Pr,
h enthalpy € dissipation rate of turbulent kinetic
hy, latent heat of vaporization energy
J.., interfacial heat source/sink term for the A interfacial heat transfer coefficient
enthalpy equation v, turbulent viscosity
k kinetic energy of turbulence (liquid v, kinematic viscosity
phase) P density.
M interfacial mass transfer rate per unit
volume Subscripts
p pressure i phase index
Pr Prandtl number g vapor phase
q:.m interfacial heat transfer per unit volume I liquid phase
R volume fraction sat  saturation
Re, bubble Reynolds number, d* V,,,/v int interfacial
Re,  cell Reynolds number, (Ar)w/v vis viscous friction
T temperature rel relative.

liquid phase turbulence by a ‘frozen’ k— model where
the transport equations for k and ¢ were solved a priori
from a single-phase flow problem.

2. PROBLEM DESCRIPTION

Subcooled convective flow boiling was considered
in an axisymmetric vertical heated pipe and in a two-
dimensional vertical heated channel. A schematic of
the heated vertical pipe is shown in Fig. 1. Subcooled
water enters the pipe from the bottom. Uniform heat
flux boundary conditions are applied along the pipe
wall. A 0.024 m diameter pipe is considered and the
inlet mass flux (of the subcooled liquid) 1s held at 890
kg m2s”'. A 2.0 m length section of the pipe is
considered for the computations. Specified pressure
condition was applied to the exit of the pipe. The
numerical simulations were done at three pressure
levels, namely, 1.5, 3.0, and 4.5 MPa. For each pres-
sure level, two values of the wall heat flux were con-
sidered, namely 380 and 790 kW m~2. These test cases
are chosen so that the predictions can be compared
with the experimental resuits from Bartolemei and
Chanturiya [8]. The inlet (equilibrium) qualities and
calculated subcooling and temperatures are shown in
Tables 1-3.

For the vertical duct, a 0.011 m wide section is
considered and the inlet mass flux (of the subcooled
liquid) is held at 950 kg m~* s~'. A 1.0 m length
section of the duct is considered for the computations.
A specified pressure condition was applied to the exit of

the duct as before. The numerical simulations were
done at two pressure levels, namely, 2.72 and 4.0
MPa. These test cases are again chosen so that the

0.012m

s

Subcooled Water
F1G. 1. Schematic of the problem geometry.
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Table 1. Description of test cases la and 1b (pressure 1.5
MPa ; inlet mass flux 890 kg m~*s7")

Case la Case 1b
Inlet quality —0.0523 —0.1178
Inlet subcooling 22.6°C 50.9°C
Inlet temperature 177.4°C 149.1°C
Heat flux, kW m~2 380 790

Table 2. Description of test cases 2a and 2b (pressure 3.0
MPa ; inlet mass flux 890 kg m~2s~")

Case 2a Case 2b
Inlet quality —0.0655 —0.1365
Inlet subcooling 25.0°C 48.1°C
Inlet temperature 210.0°C 186.9°C
Heat flux, kW m~? 380 790

Table 3. Description of test cases 3a and 3b (pressure 4.5
MPa ; inlet mass flux 890 kgm~2s~")

Case 3a Case 3b
Inlet quality -0.0702 —0.1523
Inlet subcooling 24.0°C 50.0°C
Inlet temperature 231.0°C 205.0°C
Heat flux, kW m~? 380 790

Table 4. Description of test case 4

Pressure 2.72 MPa
Inlet mass flux 950 kgm~3s~!
Inlet subcooling 4.5°C

Heat flux, kW m~? 216

Table 5. Description of test case 5

Pressure 4.0 MPa
Inlet mass flux 950 kgm=2s7!
Inlet subcooling 2.3°C

Heat flux, kW m~?2 280

predictions can be compared with the experimental
results from St Pierre and Bankoff [9]. A rectangular
channel with 0.011 x 0.044 m cross-section was con-
sidered in the above study. The inlet (equilibrium)
qualities and calculated subcooling and temperatures
are shown in Tables 4 and 5.

3. MATHEMATICAL MODEL

The mass, momentum and energy conservation
equations were applied for each of the phases. The
conservation equations for the two-fluid non-equi-
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librium (TFNE) model in the r—z coordinates are sum-
marized as follows. (Similar equations in Cartesian
coordinates, x—z, were employed for the vertical duct
predictions. These are not repeated in this paper.)
The mass conservation equation for each phase:

1
(rR pll’l)+

(pIRl“l)_ i (l)
The r-direction momentum equation :

_ﬁ( R 2 +£ R =
ar rR;p;v;) :( PiWil) =

op 24 dv 0 v
i3t <rp,Rl",a> a<p,RF,a>

ow.\ 2p,RuT,;
(p,R r, a‘> bk e

—R

+

8"| QO

The z-direction momentum equation :

1

3 (Ripirviw) + o (R piwi) =

dp 10 ow 0 ow;
~Rz +- o <pRrr = >+2E<Rp,r,a>

10 Ov;
+o= Rp,I“ra + Ripig+ Fijorr (3)

The liquid phase momentum diffusion coefficient T,
includes the laminar and turbulent contributions
(v,/+v,). An estimate for the liquid phase v, is obtained
locally by employing the k—¢ model.

The energy equation:

(p.Rn h)+

190 Oh, 0 oh;
;5( R rh, ar > (R p:rh, oz >+J: -int > (4)

The liquid phase energy exchange coefficient is
obtained as I',, = v,/Pr;+v,/Pr, where Pr;and Pr, are
the laminar and turbulent Prandtl numbers, respec-
tively. A Pr, value of unity was used for the present
calculations.

The detailed descriptions of the interfacial relations,
M, F.,, and J,,, are presented in Section 4.

(p:R: wlh ) -

The turbulence model for the liquid phase

A k—¢ turbulent model is applied to the liquid phase
to calculate the turbulent viscosity. No turbulence
model was applied to the vapor phase since the gas
has significantly lower density and momentum com-
pared to the liquid phase for the problems considered.
The generalized governing equation for k£ and ¢ is
described as follows:
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where ‘¢’ represents either k or ¢, S, is the source term
for either k or ¢, index f represents the liquid phase.
The source terms for k and ¢ are given as
S = R/(Gk—/’/s)

S. = Re/k(C,G,—C,pye)
where

ow Y [ov, N (v N [ow, v Y
G, = pv,li2<g> + (5; + " + s + 2/ |
The model constants were assigned the same values

as in the single-phase flows (C, = 1.4, C, = 1.92,
C,=0.090,=10,0,=123).

Boundary conditions

Calculations were carried out for one-half of the
flow region in the r—z plane assuming symmetry con-
ditions (Fig. 1). For the vertical duct, the calculations
were carried out for one-half of the channel width and
along the channel length (in the x—z plane). At the
inlet, the mass flux and axial velocity of both phase
are specified. The inlet enthalpies are calculated using
the equilibrium quality information from Tables 1-5.
The inlet k and ¢ values are calculated assuming small
levels of turbulence of the incoming flow. At the
outlet, the pressure is specified as shown in Tables 1-
5. Zero gradients for k and ¢ are specified at the outlet.

In the present TFNE model, the velocity and ther-
mal boundary layers near the wall are not explicitly
resolved. The wall shear stress and heat flux are
modeled using phenomenological approach and are
substituted in the momentum and energy equations
are sink/source terms for the near wall nodes.

The turbulent wall friction force is supplied to the
momentum equation for the liquid phase. The friction
force is given as

Fw=_f.pf.Aﬁow'w}'Rf (6)

where p, is the density of the liquid, Ag,, is the flow
area (the cross-sectional area of the cell near the wall),
and w, is the axial velocity component. The friction
factor is based on the logarithmic law [12],

S =1[0.435/In(1.01+9(Re,) - f**)]*. )

In the above relation, cell Reynolds number Re. is
based on the half distance from the wall to the first cell
(Ar or Ax). The friction factor f is solved iteratively in
the overall calculations.

The shear stress for the vapor phase near the wall
is neglected. This can be justified for subcooled boiling
where the bubbles slide in the laminar sublayer in the
flow direction. Standard wall function boundary
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conditions are used to calculate the liquid phase k£ and
¢ at the near wall points.

At the pipe surface or wall, constant heat flux condi-
tion is considered and the values used are specified in
Tables 1-5. Heat flux is added to the liquid energy
equation. For the subcooled flow boiling, the walls are
mostly in contact with the liquid phase. Any boiling in
the near wall cell is accommodated by the interfacial
heat transfer (described in the next section). The
effects of a more complex distribution of wall heat
flux (considering boiling and quenching heat flux due
to detached bubbles) as suggested by Kurul and
Podowski [11] are also considered.

Along the center line of the problem geometries,
the gradients of the velocity and enthalpy of each
phase is zero to satisfy the symmetry condition. The
gradients of liquid phase k and ¢ are also set to zero
along the center line.

4. AUXILIARY FORMULATIONS

Interfacial momentum transfer

The interfacial momentum transfer can be expres-
sed as the product of the interfacial friction force per
unit area multiplied by the interfacial area con-
centration (interfacial area per unit volume). The
interfacial friction force (from liquid to interface) per
unit area is described as

F;—im = Cdp/ Vrzl' Vrele (8)

where C,is the interfacial drag coefficient and is taken
[13] as the minimum of

1.0 and 24(1.0+0.1(Re,)0.75)/Re,.

Here V,, is the velocity difference between the two
phases and Re, is the Reynolds number based on the
bubble diameter and the relative velocity. The bubble
diameter was taken as a constant value of 1 mm.
Consideration of the bubble diameter as a local func-
tion of subcooling produced little difference in the
void fraction predictions.

The interfacial area per unit volume is assumed
to be linearly proportional to the void fraction. The
expression used is

Ay =R,C

where C is 700 m? m~? for the subcooled region [14]
and R, is the void fraction.

The interfacial momentum transfer (from liquid to
interface) per unit volume is given as

F/-inl = —_’f’-inlAinl- (9)
To satisfy the overall momentum balance between the
two phases,

Fg-inl = _Ff-inl'
Interfacial heat and mass transfer

Consideration of the interfacial heat transfer is
more involved than the interfacial momentum transfer
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due to the presence of boiling and/or condensation.
For the present calculations the wall heat flux is trans-
ferred to the liquid phase for the near wall node;
therefore the phase change is primarily controlled by
the liquid-interface heat transfer. The heat transfer
process within each computational cell is due to the
interaction with the neighboring cells for the same
phase and interaction between the phases within the
same cell. In mathematical form, the interfacial heat
transfer per unit volume from liquid to the interface
is expressed as

Grin = AﬁinlAinl(Tf_ Tea) (10)
where g, is the interfacial heat transfer from liquid
to interface, 4,, is the interfacial area per unit volume
as described previously and 4., is the interfacial heat
transfer coefficient. The heat transfer coefficient
between the interface and the liquid phase is given in
refs. [15, 16].

Heat transfer from vapor to the interface is small
since the vapor temperature remains almost
unchanged in this study. The interfacial heat transfer
from vapor to interface is expressed as

Qg-imt = A’g-inlAinl(Tq - T:ar) (11)
where 4, is the heat transfer coefficient between the
interface and the gas phase. A sensitivity study was
made using different values of vapor interfacial heat
transfer coefficients. The range of the values were from
a few hundreds (W m~2C~ ') to a few thousands (W
m~ 2 C~"). The effect on the results is negligible. The
dominant interfacial heat transfer stems from the
liquid side and not from the vapor side for the cases
considered.

The interfacial mass transfer rate is obtained by
the heat balance at the vapor-liquid interface. The
interfacial mass transfer rate per unit volume becomes

M[ = (qg-inl _qﬁim)/hfg (12)
where £, is the latent heat of vaporization at the given
pressure. In the vapor mass conservation equation,
the source term is M,. To satisfy the ‘overall’ mass
balance equation,

Mj=My.

The interfacial heat source/sink added to the liquid
enthalpy equation (4) is then expressed as

Jj’-inl = qf-inl+M[(hf—hf.:al) (13)
where g/, is the interfacial heat transfer from the
liquid to the interface in a computational cell and
M r(hy— ;) is the energy loss due to the mass change
(or phase change) of the liquid. Similarly, the net

interfacial heat source/sink term for the vapor phase
is expressed as
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Joim = Dg-imt +Mg(hy_hy..ml)' (14)
Consideration of the wall heat flux

The wall heat flux was partitioned into three com-
ponents by Kurul and Podowski [11] for the pre-
diction of subcooled flow boiling. The three com-
ponents are the single phase convection, quenching
due to the cold liquid that fills the space vacated by the
vapor phase, and boiling of liquid. These components
were calculated using the empirical relations given in
ref. [11] prior to solving the two-fluid conservation
equations. In the present study, the wall heat flux
partition is considered by employing the interfacial
heat transfer relations in the near wall cell. Instead of
directly using an empirical relation for wall boiling
[11], the boiling in the near wall computational cell is
obtained via the interfacial heat transfer relations. The
liquid phase convection and the so-called quenching
heat-flux are not separately calculated in the present
method. The net effect to the liquid phase energy
equation is however, obtained by subtracting the wall
heat flux from the interfacial heat transfer that causes
boiling. The quenching heat-flux was not explicitly
considered due to the lack of an adequate model. The
quenching heat flux model given by Del Valle and
Kenning [17] contains a large number of exper-
imentally measured parameters. The present method
also eliminates the need to explicitly evaluate single
phase convective heat flux to the liquid outside the
zone of influence of the bubbles.

5. NUMERICAL MODEL

A numerical iterative scheme is used to obtain the
solutions after all boundary conditions for the two
phases are prescribed. A staggered grid system was
used where the velocities were stored on cell faces and
R;, h,, p, k and ¢ are stored at ceil centers. The
PHOENICS code [18] was used as the numerical
solver for the difference equations. The variables R,
V., h,, p, k and ¢ are solved using the IPSA (inter-
phase-slip-algorithm) [19]. The computations were
carried out on an IBM 3090 machine located at Drexel
University.

6. RESULTS AND DISCUSSIONS

The model described above was applied to predict
the void fraction, velocity and temperature fields for
subcooled flow boiling in a vertical pipe and a vertical
channel for different flow and wall heat flux
conditions. Specifically six cases were considered for
the vertical pipe as shown in Tables 1-3. An exit
pressure of 1.5 MPa is considered for cases laand b;
3.0 MPa for cases 2a and b; and 4.5 MPa for cases
3a and b. Lower inlet subcooling and lower wall heat
flux were considered for cases 1a, 2a, and 3a. Higher
inlet subcooling and higher wall heat flux were given
to cases 1b, 2b, and 3b. The effects of the exit pressure,
inlet subcooling and wall heat flux on the subcooled
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F1G. 2. Comparison of pressure drop prediction using differ-
ent mesh sizes for case la.

flow boiling can be determined from the results of
these cases. Two cases were considered for the heated
vertical channel. An exit pressure of 2.72 MPa is con-
sidered for case 4 and 4.0 MPa for case 5.

Sensitivity study using different mesh sizes

Computations were first performed for a specific
case (case la as shown in Table 1) using different
mesh sizes. The three different mesh sizes were 10 x 30,
10100 and 20x30 (rx:z) for the computational
domain having a radius of 0.012 m and a length of
2.0 m. The results for the axial pressure drop, the
liquid velocity distribution, at z = 1.8 m and the void
fraction distribution at the same height are shown in
Figs. 2-4, respectively. The results indicate that a finer
mesh in the axial direction produced little variations
in the predictions. A 10 x 30 mesh size was found to
be a good compromise between the desired accuracy
and computational time.

Radial void, temperature and superficial velocity
distributions

The predicted radial void fraction profiles at two
axial locations (z = 1.1 and 2.0 m) are shown in Figs.

5
of Case 1a
o
b
N
£
3
27
‘g
o
@
> 2t
he)
?r € 10x30
p L + 10x100
1
* 20x30
0 4 + + + ——
[+] 0.002 0.004 0.006 0.008 0.01 0.012

Distance From Center Axis, m

FiG. 3. Comparison of liquid velocity distribution using
different mesh sizes for case la (at z = 1.8 m).
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5 and 6 for cases la and 1b (1.5 MPa exit pressure),
respectively. The void fraction becomes higher at
higher elevations as expected. The void fractions
increases rapidly near the wall while the center part
of the pipe is still in the subcooled state for the two
cases. For the same pressure conditions, the void frac-
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F1G. 7. Void fraction profiles at two elevations for case 2a.

tion becomes higher for the higher heat flux. The
radial void fraction distribution for the case 2a (3.0
MPa exit pressure) is shown in Fig. 7. For the same
inlet subcooling and heat flux boundary conditions,
the predicted void fractions are higher for the lower
pressure cases (Fig. 5 vs Fig. 7).

The predicted transverse void fraction distributions
for case 4 (the vertical channel) at three axial locations
are shown in Fig. 8. The measured void fractions at
equivalent vertical locations are also shown in this
figure [9]. The experimental data show considerable
scatter, particularly at high void fraction regions. It
1s, however, seen that the overall agreement between
the predictions and the measurements is good. In both
cases the void fractions are higher near the walls and
gradually fall off towards the axis.

The radial liquid temperature profiles for case la
are shown in Fig. 9 at two axial locations. The non-
equilibrium effects are evident. The middle part of the
pipe is in subcooled state (even at =z = 2.0 m) while
the region near the wall is slightly superheated. The
level of subcooling is found to diminish along the
length of the pipe. The radial liquid temperature pro-
files for case 2b at various axial locations are shown
in Fig. 10. The measured temperature distributions
[8] at equivalent vertical locations are also shown in
the same figure. The agreement between the pre-
dictions and measurements are excellent.

The superficial axial velocities (R, * w,) of the vapor
phase near the exit of the pipe at z = 1.8 m for cases
la, 2a, and 3a are shown in Fig. 11. With increasing
pressure the boiling rate decreases ; hence the decrease
of superficial vapor velocity between cases la, 2a, and
3a. The vapor phase is found to be high near the wall
and the highest superficial velocity is found at the
location closest to the wall. The corresponding super-
ficial liquid velocity distributions are shown in Fig.
12. The velocity distribution (not shown) is similar to
that observed in single phase flows since the liquid is
at subcooled conditions near the center of the pipe.
The liquid velocities are small near the wall due to the
wall friction and void formation. For the same mass
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flow rate, the liquid velocity also decreases sub-
stantially for the higher exit pressure cases.

Radially/transversally averaged void fraction along
axial direction

The radially averaged void fractions across the pipe
versus axial distance are shown in Figs. 13 and 14 for
all the six test cases described in Tables 1-3. Figures
13(a)—(c) show the comparisons of the predicted radi-
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ally averaged void fractions with measurements (8]
and predictions given by Larsen and Tong [10] for the
cases with the low wall heat flux (380 kW m~?). Simi-
lar comparisons are shown in Figs. 14(a)—(c) for cases
with the higher wall heat flux (790 kW m~?).

The experiments of Bartolemei and Chanturiya [8]
were performed by first establishing the no void con-
dition by running water only through the test section.
Subsequently, void conditions were established at
conditions described in Tables 1-3. A gamma detector
was used as a measuring device in these experiments.
Different counting rates were obtained at different void
conditions. Comparing the counting rates at the heat-
ing conditions to those at no heating condition (water
only), the radially averaged void fraction can be deter-
mined. It is interesting to note that past analytical and
experimental work on subcooled boiling (including
refs. [8] and [9]), report radial void and temperature
distributions as well as radially averaged void fraction
as a function of equilibrium qualities or average sub-
cooling instead of the axial length. The axial length,
however, can be recovered from the equilibrium qual-
ity or the average subcooling by using a one-dimen-
sional heat balance to the problem geometry. This
trend in the past was perhaps due to the exclusive use
of one dimensional equilibrium models in charac-
terizing boiling in channels or pipes. In the present
calculations, the predictions are given directly as a
function of axial length. The experimental void frac-
tion data (8] and the one-dimensional model pre-
dictions from Larsen and Tong [10] are also shown
as a function of the axial distance in Figs. 13 and 14.

The predicted locations of the initial void formation
are shown in Figs. 13 and 14. The radially averaged
void fractions from the present analysis are somewhat
lower than the experimental data [8] at the bottom
half of the pipe. The predictions at the upper half of
the pipe are, however, in good agreement with the
data. Since the experimental data were originally
reported as a function of equilibrium quality, it is
not surprising to note that higher void fractions are
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reported in ref. {8] near the location of the void incipi-
ence. Our predictions show that considerable void
variation exists radially near the entrance of the pipe
and the non-equilibrium effects are also significant in
this region. Similar trends are also observed for the
one-dimensional model predictions. The effect of sub-
cooling (non-equilibrium state) is pronounced near
the location of the incipience of void formation.
According to the present model, the predicted location
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of the incipience of the void formation at different
pressures is about the same for the same inlet sub-
cooling and wall heat flux conditions.

For the vertical channels, the transversally averaged
void fraction as a function of the axial distance for
cases 4 and S are shown in Figs. 15 and 16, respec-
tively. The rate of void [raction increase is slower
for case 4 compared to case 5 due to higher inlet
subcooling and lower wall heat flux in case 4. The
predicted void fractions are in good agreement with
the experimental data.

Finally the predicted radially averaged void frac-
tions are compared with the model predictions of
Kurul and Podowski [11] in Fig. 17 for a specific case.
The diameter of the vertical test channel was 0.0154
m, the wall heat flux was 570 kW m~2, and the inlet
mass flux was 900 kg m~?s~ ' at 4.5 MPa. The exper-
imental data of Bartolemei and Chanturiya [8] are
also shown in the figure. In the present method the
interfacial source/sink terms were added to both the
gas phase and liquid phase equations. The effects of
bubble detachment and quenching on the radially
averaged void profiles are found to be insignificant.
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7. CONCLUSIONS

With the advancement of the multi-dimensional
two-fluid models with proper closure information, the
non-equilibrium and multi-dimensional effects of the
void distribution and temperature profile across the
pipe diameter or channel width for subcooled boiling
flow problems can be modeled with reasonable accu-
racy. This differs greatly from the semi-empirical equi-
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F1G. 14. Comparison of the radially averaged void fraction
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librium models [3, 10]. One-dimensional analysis is
used routinely in the semi-empirical models and thus
two-dimensional effects such as the void distribution
across the pipe diameter are often not known. The
present model attempts to predict the non-equilibrium
effect, that is, superheating near the wall and sub-
cooling in the center. Strong radial variations of the
vapor and liquid volume fractions are predicted for
computations which mimic the experimental con-
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F1G. 17. Comparison of the radially averaged void fraction
predictions with the model predictions of Kurul and
Podowski [11].

ditions of Bartolemei and Chanturiya [8] and St Pierre
and Bankoff [9].

The predicted radial temperature distributions at
various axial locations (for the vertical pipe problem)
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are in good agreement with experimental data. The
predicted transverse void distribution {for the vertical
channel problem) at different axial locations show
reasonable agreement with the measurements.
Improved models are necessary to characterize the
physical processes occurring near the wall that affect
heat and mass transfer in subcooled boiling.

Radially/transversally averaged properties are
obtained from the present two-dimensional pre-
dictions and are compared with experimental data.
The results from the present method are also com-
pared with those from the one-dimensional semi-
empirical model and another two-fluid model. It is
concluded that using the simpler but physically based
interfacial heat transfer relations near the wall node,
the predictions of the two-phase parameters is in
agreement with those predicted by using an approach
that accounts for boiling from wall surface and the
quenching heat flux.
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